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ABSTRACT 
A number of compressor design modifications 
to reduce the noise which are based on the 
modal characteristics of the compressor 
shell are discussed and special problems 
are pointed out. Most design changes exhi-
bit effects across broad frequency regions 
and while reducing the noise in some fre-
quency bands can cause noise increases in 
other bands. Shell damping was found to be 
a generally consistent means of reducing 
compressor noise and very effective when 
applied at the proper location. The shell 
deformation patterns of the running 
compressor proved to be an effective cri-
terion for determining damping locations. 
SYMBOLS 
q system response vector 
n modal participation factor 
u eigenvector 
[U] modal matrix 
[M] mass matrix 
[C] damping matrix 
[K] stiffness matrix 
Q forcing vector 
' damping ratio 
w natural frequency 
j imaginary unit 
n driving frequency 
D0 frequency of fundamental running speed 
t time 
m modal mass 
k modal stiffness 
INTRODUCTION 
Hermetically sealed refrigeration compres-
sors contribute noise to the surroundings 
by direct radiation from the hermetic shell 
and indirect vibration coupling to the sup-
porting structures. This paper presents 
some work directed to reduction of the 
direct radiated noise. Design modifica-
tions are discussed that are based on the 
modal characteristics of the compressor 
shell. The method utilizes measurement of 
the shell modal pattern of the stationary 
(non-running) compressor; the shell defor-
mation patterns of the running compressor; 
and the radiated noise field of the running 
compressor. 
Identification of the strongly excited 
natural modes that cause excessive noise is 
the first step in the method. Appropriate 
design changes can be derived to reduce the 
vibration response from the shape and the 
natural frequency of the trouble modes. 
Relocation of the suspension system, local 
stiffening, shifting of natural frequencies 
and the application of damping are among 
the major noise reduction treatments. 
These modifications are discussed in con-
junction with the equations of the forced 
vibration of an elastic structure to ilius-
trate mathematically and physically how the 
changes affect the vibration response. 
BACKGROUND 
A flow chart of the noise transmission path 
of a hermetic refrigerator compressor is 
shown in Fig. 1. Acoustical energy is gen-
erated in the compressor mechanism by a 
number of sources such as compression 
forces, shaking forces, impact forces and 
flow forces. The predominant characteris-
tics of the· excitation are the fundamental 
* Work was performed while a graduate research assistant at Ray W. Herrick Laboratories, Purdue University. 
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running speed frequency and its harmonics. 
The excitation forces are transmitted to 
the compressor shell via various transmis-
sion p·aths. Amplification of the transmit-
ted forces can occur due to resonant 
response of the transmission path. The 
amplification is magnified when resonances 
of different subsystems are coupled. Such 
a case occurs for instance if a gas cavity 
resonance or a resonance in the suspension 
system co~ncides with a shell resonance. 
Because all the branches of the transmis-
sion path lead to the shell and because 
shell resonances have a profound influence 
on the overall transmission characteristics 
the shell plays a very important role in 
the noise transmission process. 
The shell is a complete acoustic enclosure, 
thus all the sound radiated directly is 
caused by mechanical vibration of the 
shell. The other portion of the noise, the 
indirect noise is radiated by the support-
ing structure. 
DETERMINATION OF THE TROUBLE MODES 
The forced response of an elastic structure 
can be expressed in the modal domain as the 
summation of all the natural modes weighted 
by a modal participation factor. 
n 
q - E ~r - [U]~ 
r~l 
The eigenvectors (modeshapes) can be 
obtained by modal analysis of the compres-
sor shell. Impact testing is typically 
used. The number of natural frequencies in 
the audible frequency range is large, how-
ever, not all of the natural modes are 
strongly excited during operation of the 
compressor. One procedure to determine 
which of the natural modes are strongly 
excited is to measure the forced deforma-
tion pattern of the running 
compressor at the frequencies of the run-
ning speed harmonics and compare the forced 
patterns with the natural modes obtained 
from the stationary tests. 
Estimation of the modal participation fac-
tor using this procedure does not work in 
general because of the superposition of 
modes under running conditions can be very 
complicated. However, strong harmonics in 
the sound spectrum are usually associated 
with shell resonances. In such cases the 
trouble modes can be readily identified by 
comparing the deformation pattern of the 
shell under running conditions with the 
natural modes of the shell. A highly 
resonant natural "mode will dominate over 
the summation of the rest of the modes and 
the deformation pattern at a resonant driv-
ing frequency will be similar to a natural 
mode. 
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An example is given in Fig. 2. Fig. 2a 
shows a natural mode at 2180 Hz and Fig. 2b 
shows the deformation pattern of the shell 
at 2170 Hz when the compressor is running. 
One notes the strong deformation of the end 
plate under running conditions. It can 
therefore be concluded that the natural 
mode at 2180 Hz participates strongly. 
The deformation pattern under running con-
ditions can be obtained using the test 
set-up suggested in Fig. 3. A set of 
transfer functions between the acceleration 
of a fixed reference point and the 
acceleration of all the structure points 
(grid points) can be obtained. From the 
amplitude ratios and the phase lags of the 
transfer functions the relative deformation 
patterns can be determined for any of the 
running speed harmonics. 
DISCUSSION OF DESIGN POSSIBILITIES %Q 
REDUCE THE CQMPRESSOR NOISE 
Once the critical natural modes are identi-
fied several design possibilities may be 
considered to decrease the response of the 
trouble modes and thus reduce the noise 
radiation. 
For illustration purposes consider the 
shell as a .),ightly damped ~1~~:r~~ized · sys-
tem with n degrees of freedom 
[M)q + [C]q + [K]q - Q(t) 
Applying the transformation 
q ~ [U] 
71 
leads to n uncoupled equations in the fre-
quency domain 
where 
i = 1,2,3 ... n 









where n is the driving frequency. The 
excitation spectrum consists typically of 
integral multiples of the fundamental run-
ning speed harmonic 0 0 . The individual 




where 1 = 1, 2 .•• m 
The total response of the i-th mode for an 
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To minimize the modal response it is neces-
sary to have the numerator be as small as 
possible and the magnitude of the denomina-
tor as large as possible. 
The physical meaning of minimizing the 
expression for 7). and the special probl~ms 
associated with ihis approach will be dls-
cussed and illustrated. 
If the suspension location happens to coin-
cide with an anti-nodal location of a mode 
then this mode can be very effectively 
driven. Mathematically, this result means 
that the dot product of the modal vector 
and forcin-g --vector is large.. one· way to 
reduce the numerator is to move the suspen-
sion of the compressor to more favorable 
points (i.e, nodal locations) on the shell. 
The concept of relocating the suspension 
system is shown in Fig. 4. Care must be 
taken in the choice of the new suspension 
points so as to not amplify the effects of 
other modes. To achieve the best improve-
ment the suspension points should be moved 
into stiff regions of the shell where there 
is a high mechanical impedance for as many 
modes as possible. Figure 5 shows drive 
point accelerance plots (acceleration per 
unit force) measured at a suspension point 
and at a point of maximum curvature on the 
shell. At the curvature the shell is con-
siderably dynamically stiffer over a wide 
frequency range. 
Another possibility is to apply local 
stiffness to force the modal deflection at 
the input locations to be minimal. Such 
structural modifications also have to be 
carefully evaluated because additional 
stiffness affects also other mode shapes and 
shifts natural frequencies. Thus an 
improvement at one frequency could result 
in a deterioration at another frequency. h 
problem occurs when it is is not easy to 
determine where the primary excitation 
occurs, for example when gas forces are 
involved which exert distributed forces to 
the stall. However, the majority of the 
vibration energy is transmitted via the 
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mechanical path and in this case the possi-
ble suspension point locations reduce to a 
small number . 
To move the natural frequency of a trouble 
mode away from the driving frequency would 
be the most effective measure to reduce the 
shell vibrations. This method is critical 
because of the high harmonic density.of the 
excitation spectrum. It is necessary to 
"tune" the natural frequency between the 
running speed harmonics. Shifts in natural 
frequencies occur with small changes in 
manufacturing tolerances and are therefore 
hard to control. However, small shifts of 
natural frequencies can result in very sub-
stantial changes in noise radiation. 
An illustration of how a small frequency 
shift of a lightly damped natural mode 
affects the radiated noise is presented in 
Fig. 6. The drivepoint accelerance meas-
ured at a critical structure point of two 
nominally identical compressors are 
presented in the upper plot. The lower 
plot shows the corresponding sound spectra 
of these same compressors. These two plots 
display a clear correlation between the 
dynamical shell characteristics and the 
radiated sound of the indicated running 
speed harmonic. Tuning a critical natural 
frequency of the shell could be success-
fully applied in noise control. However, 
the process would require an individual 
treatment for each shell which is hardly 
feasible in mass production. 
A specially attractive solution to the 
noise problem is to increase the damping. 
The damping may be increased by externally 
applied devices, constrained layer damping 
or using a shell material with a high loss 
factor. The previously discussed vibration 
and noise control means were all accom-
panied with undesirable side effects which 
resulted from the high modal density of the 
shell and the closely spaced excitation 
frequencies. Damping, however, is 
less critical concerning the adverse side 
effects in other frequency bands. 
APPLICATION OF EXTERNAL PAMPING DEVICES 
To effectively control the vibration of .a 
resonant mode, the applied modal damping (physical damping weighted by the mode 
shape) must be as large as possible, hence 
additional damping needs to be placed at 
the anti-nodal locations of the trouble 
mode. 
The proper locations for adding effective 
damping can be found from the deformation 
patterns of the shell of the running 
compressor at the frequencies of the dom~ 
inant peaks in the sound spectrum. Damping 
placed at the anti-nodal locations of the 
deformation"pattern will perform optimally. 
Experience has shown that strong sharp 
peaks 1n the sound spectrum in the fre-
quency range above the first shell mode are 
usually associated with shell resonances 
and that the deformation patterns under 
running conditions are similar to the 
natural mode close to that driving fre-
quency. In such a case it is not necessary 
to perform a modal analysis and the result 
can be obtained directly by measuring the 
deformation pattern of the running compres-
sor. 
An example where the damping locations were 
chosen according to the deformation pattern 
of the running compressor is demonstrated 
in Fig. 2b, 7 and 8. Fig. 2b and 7 show the 
deformation pattern at the 37th and 30th 
running speed harmonics respect1vely. One 
notes the strong deflection of the side of 
the shell at the 30th harmonic and the 
large vibration amplitude of the endplate 
at the 37th harmonic. Fig. 8 presents a 
compar1son of the sound spectra·of the ori-
ginal compressor without damping and with 
damping applied at the sides and at the end 
of the shell. One notes a very significant 
reduct1on in sound of the 30th and 37th 
harmon1c. 
COMPRESSOR MECHANISM 
~ INDIRECT NOISE 




A number of design possibilities related to 
using the dynamical characteristics of the 
shell to control the direct noise of a her-
metic reciprocating refrigerant compressor 
were d1scussed. General problems in con-
trolling the noise are posed by the high 
Modal density of the shell and the dense 
0xcitation spectrum. Therefore, modifica-
tions such as changing local stiffness, 
shifting natural frequencies or relocating 
the suspension system need to be carefully 
evaluated otherwise, adverse effects at 
other frequencies can significantly i~pa1r 
the overall improvement. 
Application of damping proved ~o be a gen-
eral and effective means of controlling the 
noise. Generally its application does not 
require a modal analysis of the compressor 
shell. The optimal location of additional 
damping can be directly chosen from the 
deformation pattern of the running compres-
sor. 
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Acceleration S Transfer funct~on: Accel~ration A 
Fig. 3: Schematic of the Test Set-up to Measure the Deformation Pattern of the Running Compressor 
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Fig. 2b: Deformation Pattern of the Running Compressor at 2170 Hz (37th Harmonic) 
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b, Relocated Suspension 
Fig. 4: Relocation of the Suspension Points from Anti-Nodal Points to Nodal Points 










Fig. 5: Comparison of the Drive Point Accelerances 
Measured at the Original Suspension Point 
(--) and at a Point of Maximum 














Drive Point Accelerance at a 
Critical Structure Point 
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Representative Sound Spectrum 
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Fig. 6: Example of a Large Change of the 
Radiated Sound Caused by a Small Shift 
of a Natural Frequency. Compressor A 
(--) and Compressor B (···-·-) are 
nominally identical. 
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Fig. 7 Deformation Pattern of the Run.ning 
Compressor 1760 Hz (30th Harmonic) 
30th h~rm. rt 
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Fig. 8: Comparison of a Representative 
Sound Spectrum Measured Without 
Additional Damping (--), with 
Dampin~ Applied at the Sides 
(--- -) and with Damping App 1 i ed 
at the Sides and at the End of the 
Compressor (-·--) 
